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1.1 Purpose 
Chapter 1 
Introduction 
The phase-out of CFCs by the year 1995 and the impending phase-out of HCFCs in the 
future has created a need for redesigning new refrigerators and retrofitting old ones with new 
refrigerants. This report describes an extensive experimental and analytical effort aimed at 
predicting the performance of evaporators and condensers using alternative refrigerants. Heat 
exchanger models are also expressed in a form where heat exchanger tube diameters and lengths 
are explicitly specified to help analyze new configurations. 
Existing refrigerator models often use a constant conductance modeling approach (e.g. 
ADL (Merriam et. aI., 1992), Porter and Bullard (1993)). These models are better than the 
single-zone constant-VA model used by the V.S. Department of Energy to set the 1993 energy 
standards (ADL, 1982). However, they fail to account for changes in heat transfer resistance due 
to changes in refrigerant flow characteristics. Characteristics that may affect the resistance to 
heat transfer include refrigerant mass flow rate and refrigerant properties. For instance, in our 
refrigerator overall heat transfer resistance may change more than 10 percent in the two-phase 
region of the evaporator and more than 20 percent in the superheated region. 
In addition to being more accurate than the constant conductance model, the variable 
conductance model is also more flexible. When the constant conductance model is used a 
conductance is determined for each zone of both the evaporator and the condenser. The 
conductances that are determined are only useful for the refrigerant that was used in the system at 
the time when the conductances were determined. This is because conductances are dependent 
on the properties of the refrigerant in the system. The variable conductance model takes the 
properties of the refrigerant into account. The coefficients of the variable conductance model 
need to be determined once; after that the model can be used for different operating conditions, 
tube diameters, and refrigerants. 
I 
Finally, the model will be useful for assessing the applicability of refrigerant heat transfer 
correlations to refrigerator models. The correlations that are used in our models were developed 
under ideal conditions in long straight tubes. The accuracy of our models will provide insight 
into how well the heat transfer correlations work in actual modeling applications. 
1.2 Development of the variable conductance model 
The overall heat transfer equation for a heat exchanger must be written so that the 
variable conductance model can be investigated. The equation is developed by identifying each 
component of the resistance to heat transfer between the two working fluids of the heat 
exchanger. For the case of an evaporator or a condenser there are three components of heat 
transfer resistance between the air and the refrigerant. The important components are the 
convective resistance of the air, the conductive resistance of the heat exchanger, and the 
convective resistance of the refrigerant. The overall heat transfer resistance of the heat 
exchanger is shown below as a function of the three resistance components. 
lIs 1 
= + --- + ---
UtAt hfsAfs kAm hjA j 
(1.1) 
The subscripts are: 
t = theoretical 
fs = fin side 
m =mean 
1 = internal 
The terms of equation 1.1 are, from left to right, the overall heat transfer resistance, the 
air-side heat transfer resistance, the heat transfer resistance of the heat exchanger tube, and the 
refrigerant-side heat transfer resistance. The overall heat transfer resistance is based on a 
theoretical conductance Ut and a theoretical area At. The air-side heat transfer resistance is a 
function of the air-side heat transfer coefficient hfs and the air-side area of heat transfer Afs (note 
that the theoretical air-side heat transfer coefficient has a fin efficiency embedded in its 
calculation; we can ignore this in our calculations since we consider the overall air-side 
resistance to be constant for all of our calculations). The resistance of the heat exchanger tube is 
a function of the thickness of the tube s, the conductivity of the tube k, and the mean cross 
2 
sectional area of the tube Am (2nrl). Finally, the refrigerant-side heat transfer resistance is 
dependent on the refrigerant heat transfer coefficient hi and the Area of the inside of the heat 
exchanger tube Ai. 
By mUltiplying both sides of the equation by the theoretical Area At we get equation 1.2. 
= 
h·A· 1 1 
(1.2) 
The first two terms on the right hand side of equation 1.2 are approximately constant 
since neither the air flow rate across the heat exchanger nor the heat exchanger conductivity vary 
significantly. In addition, the ratio of the theoretical area At to the area of the inside of the heat 
exchanger tube Ai is fixed. The sum of the first two terms on the right-hand side of equation 1.2 
is a constant, Rair, and the area ratio is a constant, (X.. When these two constants are introduced to 
equation 1.2 the resulting equation is equation 1.3. 
1 a 
- = R· +-Ut air hi 
(1.3) 
Rair and (X. can be determined simultaneously through parameter estimation. If the 
modeling procedure is correct and At is assumed to be the area of the outside of the heat 
exchanger, the value of (X is equal to the ratio of the outside area of the evaporator to the inside 
area. If a heat exchanger is axially uniform the values of Rair and (X are the same for each heat 
exchanger zone. The term hi is dependent on refrigerant properties and refrigerant phase (e.g. 
two-phase, superheated, subcooled). The determination of hi is highly dependent on refrigerant 
phase, and different correlations must be used to find its value in different refrigerant zones. 
1.3 Heat transfer correlations 
1.3.1 Two-phase correlations 
Both the BoPierre correlation (Pierre, 1956) and a correlation developed by Chato and 
Wattelet (Smith et. aI., 1992) have been investigated for calculating the two-phase heat transfer 
coefficient. Parameter estimation models have been developed using both correlations so that the 
two heat transfer coefficients could be compared. The BoPierre correlation was designed for use 
with higher Reynolds numbers. The ChatolWattelet correlation, on the other hand, was 
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developed for use with lower refrigerant mass flow rates. Domestic refrigeration systems have 
low mass flow rates, so it is likely that the ChatolWattelet correlation will better suit our 
purposes. 
For R12, the equation given by the BoPierre model is: 
k J ( 2)0.4 hlp =0.0082.1) KfReJ 
Where KfiS: 
This equation is good within the range: 
109 < Kf ReJ2 < 7.0.1011 
(1.4) 
(1.5) 
The equation is intended for predicting the two-phase heat transfer coefficient when there 
is six degrees of superheat at the evaporator exit and the saturation temperature is between -20 
and 0 °C. Since we are trying to model a two-phase evaporator zone it will be assumed that the 
equation is adequate for points that are not superheated. This is not necessarily a bad assumption 
since the heat transfer coefficient is approximately constant throughout the two-phase zone when 
refrigerant mass flow rates are small. 
The ChatolWattelet correlation is given by the equation: 
hlp = h1( 4.3 + O.4(Bo .104)1.3) 
Where: 
And: 
Bo = q" 
O·hfg 
(1.6) 
(1.7) 
(1.8) 
Since this equation is designed for use with low mass flows the Froude number is the 
restrictive parameter of this equation: 
In addition to this restriction, Wattelet suggests that the correlation may not be as 
accurate for Froude numbers less than 0.01 since very few data points were taken to verify the 
correlation in this region. 
4 
.. ' 
In order to help determine whether the BoPierre correlation or the Chato/Wattelet 
correlation is more appropriate to use, the Froude numbers and KrRe12 were calculated for all of 
the two-phase points in data set II (data set I has no data points that are two-phase at the 
evaporator exit). On the average the Froude numbers were slightly smaller than 0.01 and the 
values of KtRe12 were slightly smaller than 109. So it is not obvious which correlation is better 
for modeling our refrigerator. Figure 1, shown below, demonstrates the magnitudes of the two 
heat transfer coefficients for the two-phase data points of data set II. 
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Figure 1.1 Comparison of BoPierre and Chato/W attelet heat transfer coefficients 
Note that the heat transfer coefficients given by the Chato/Wattelet correlation are 
significantly larger than the heat transfer coefficients given by the BoPierre correlation. 
However, the heat transfer coefficients follow the same trends, and are mainly a function of 
refrigerant mass flow rate in both cases. In our models we will use the Chato/W~ttelet heat 
transfer correlation because it has been developed specifically for lower mass flow rates such as 
those found in our refrigerator. 
In the two-phase region of the condenser the ChatolDobson (Dobson et. aI., 1993) 
correlation will be put to use. The ChatolDobson correlation takes the form: 
hlp = f(XU).[(Pl(Pl-PV)ghfgk~)JO.25 
(D ·~T· ,ul) 
5 
(1.9) 
Where: 
And: 
0.375 
XO.23 u 
Pv J11 1- x ( )O.S( )0.1 ( )0.9 Xu = - - --
PI J1v x 
In order to solve this equation for the heat transfer coefficient the liquid and vapor 
properties of the refrigerant must be found. The liquid and vapor properties are easily 
determined since the saturation temperature of the refrigerant is known. The parameter that is 
not so easy to determine is the difference in temperature between the refrigerant and the 
condenser wall, il T. The difference in temperature between the refrigerant and the wall is 
interdependent with the heat transfer coefficient. However, as long as we know the heat flux 
through the condenser wall the temperature difference is easily determined using equation 1.10. 
q" = h ilT tp (1.10) 
Altogether, equation 1.10 and 1.9 have three unknowns. However, q" is a function of the 
overall heat load of a region and the internal area of the heat exchanger tube which that region 
occupies. Since our condenser model is used to calculate both of these, q" is a known quantity 
and we have two equations and two unknowns. Therefore the heat transfer coefficient can be 
determined using the Chato correlation for condensers. 
1.3.2 Single phase correlations 
Two choices were available for calculating the heat transfer coefficient of the 
evaporator's superheated region. The two choices were the Dittus-Boelter equation and an 
equation developed by Gnielinski (Incropera and De Witt, 1990). The Dittus Boelter equation is 
equation 1.11. 
(1.11) 
6 
n has the value of 0.4 when the refrigerant is being heated(evaporator) and a value of 0.3 when 
the refrigerant is being cooled(condenser). This equation is valid provided: 
0.7 :5 Pr :5 160 
Red ~ 10000 
L~1O 
D 
The Gnielinski equation is given as: 
(/ /S)(Red -1000)Pr 
NUd = 
1 + 12.7(/ /S)O.S(Pr2/3 -1) 
The friction factor, j, can be determined for smooth tubes using the equation: 
f = (0.79InRed - 1. 64r2 
This set of equations is valid for the region defined by: 
0.5 :5 Pr :5 2000 
2300 :5 Red :5 5· 106 
(1.12) 
(1.13) 
For the superheated region of the evaporator the Reynolds numbers are between 20000 
and 30000, the Prandtl numbers are about O.S and the length of the heat exchanger tube is 
sufficiently long relative to the tube diameter. Heat transfer coefficients calculated in the 
superheated region of the evaporator using Gnielinski were within 5 % of heat transfer 
coefficients calculated using Dittus-Boelter. Either equation will work, but the Reynolds and 
Prandtl numbers that we are using fall closer to the middle of the range defined by the Gnielinski 
equation. In addition, the Dittus-Boelter equation typically overestimates heat transfer 
coefficients when Reynolds numbers are small. So we will use the Gnielinski correlation. 
In the superheated region of the condenser the Reynolds and Prandtl numbers are 
different than those in the superheated region of the evaporator. The condenser tube diameter is 
different as is the vapor temperature. The Reynolds numbers for the vapor region of the 
condenser are approximately 30000 and the Prandtl numbers are about 1.3 for most cases; so 
once again both Gnielinski and Dittus-Boelter are appropriate for calculating the heat transfer 
coefficient of the superheated region. 
In the subcooled region of the condenser the Reynolds numbers will be much lower than 
in the superheated region since liquid has a much higher density than vapor. For the tests we ran 
on our condenser the liquid refrigerant usually had a Reynolds number of about 2000 and a 
7 
Prandtl number of about 3; the Reynolds number indicates that Dittus-Boelter will not be 
applicable in this region and that Gnielinski may not be. If the flow is laminar and heat flux is 
constant equation 1.14 (Incropera and De Witt, 1990) is appropriate. Although the transition 
region between laminar and turbulent flow is not well defined, the transition Reynolds number is 
generally accepted as 2300. However, care must be taken in deciding whether flow is laminar or 
turbulent whenever the Reynolds number is close to 2000. For modeling the condenser both 
laminar and turbulent flow cases will be investigated so that the proper heat transfer coefficient is 
chosen. 
k 
h = 4.36-
D 
(1.14) 
In the following chapters two heat exchanger models will be examined: a variable 
conductance evaporator model and a variable conductance condenser model. The two models 
will utilize the heat transfer correlations given in this Chapter to predict heat loads for the two 
heat exchangers. The accuracy of each model will depend on the accuracy of the heat transfer 
correlations and how well the geometry of each heat exchanger is modeled. 
An extensively instrumented refrigerator described by Reeves et. al. (1992) was used to 
gather steady state operating conditions for 95 combinations of cabinet and ambient air 
temperatures. For each of the 95 operating conditions air- and refrigerant-side measurements 
were recorded for temperature, pressure, power consumption, and refrigerant mass flow. These 
data are used to determine model parameters and model accuracy. 
Results of this experimental analysis include air-side heat transfer resistance, volumetric 
air flow rate, and detailed characterization of complex airflow patterns around the evaporator and 
condenser regions. The results are used to predict evaporator and condenser heat loads for 
comparison with experimental measurements. Results and conclusions are summarized in 
Chapter 4. 
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2.1 The two zone model 
Chapter 2 
Evaporator Model 
Before we begin examining the variable conductance model for the evaporator in detail 
the evaporator must be modeled correctly. Figure 2.1 shows the configuration of the evaporator. 
The evaporator is essentially a counterflow heat exchanger. However, there are a few distinct 
differences. One difference is that between the end of the evaporator and the outlet temperature 
probe is about 15 inches of suction line and an accumulator. The additional suction line passes 
through the air which has already been cooled (See Figure 2.1). In some cases the superheated 
refrigerant is hotter than the exit air of the evaporator. In these cases the superheated refrigerant 
is recooled. This recooling region of the superheated refrigerant uses up evaporator space and 
can cause lower exit temperatures than predicted by a model that does not account for this 
section. Unfortunately no thermocouples were installed in this refrigerator to measure what the 
temperature of the refrigerant is before it passes through the accumulator region. 
Evapora1Dr 
Inlet 
t 
/., -
'\. 
~ 
~ 
....... 
-----
t t t t t t 
AirFlow 
Figure 2.1 Evaporator heat exchanger geometry 
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)) 
5) 
.. ' 
However, the evaporator model does include this desuperheating region. The evaporator 
is modeled as three consecutive counterflow heat exchangers. The first heat exchanger is the 
two-phase region of the evaporator, the second is the superheating region, and the third is the 
desuperheating region. The variable conductance model described in the previous chapter will 
be used to calculate the conductances of each evaporator zone. Equation 1.3 can be used for 
each of the three regions. The value of a for each of the regions is equal to the ratio of the 
region's external surface area to its internal surface area. For the two-phase and superheating 
region a is 5.0 and for the desuperheating region it is 1.13 (because it has no fins). The value of 
Rair for each of the three regions is equal to the air-side heat transfer resistance, and it is 
dependent on the conductance of the evaporator tubing, fin efficiency, and the air-side heat 
transfer coefficient. It is assumed to be the same for each of the three regions. The resulting 
conductance equations are equations 2.1 through 2.3 below. 
For the two-phase region: 
1 5 
= Rair + -
Utp htp 
For the superheating region: 
1 5 
- = R· +-
Usp 1111' hsp 
And for the desuperheating region: 
1 = R. + 1.13 
U dsp 1111' h dsp 
(2.1) 
(2.2) 
(2.3) 
Since refrigerant mass flow rates are small htp is calculated using the ChatolWattelet 
correlation. Hsp and hdsp are both calculated using the Gnielinski correlation. Both of these 
correlations are given in chapter 1. 
Equations 2.1 through 2.3 were used to calculate the overall conductance of each of the 
evaporator regions. The conductances were then used in rate equations 2.4 through 2.6 to 
calculate heat load. The limiting heat capacity for the two phase region was the heat capacity of 
the air, whereas the limiting heat capacity of the two superheated regions was the heat capacity 
of the refrigerant. Elaborate counterflow equations were not required for the two superheated 
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regions because the heat capacity of the air is about forty times as large as the heat capacity of 
the superheated refrigerant. 
Q" = (1 -exp( y 2~'P ))- em . (T '" .m" -T ref.Un, ) 
_ ( ( UdspAdsp)J ( ) Qdsp - 1 - exp - Cref . Cref· T air,indsp - T ref,indsp 
Equations 2.7 through 2.9 are also required for calculating the overall heat load. 
Qcalc = Qtp + Qsp + Qdsp 
Atot = A tp + Asp + Adsp 
Qsp = ri'L1hsp 
(2.4) 
(2.5) 
(2.6) 
(2.7) 
(2.8) 
(2.9) 
Rair and volumetric air flow rate were estimated by minimizing the difference between 
measured and calculated values of the evaporator heat load. The objective function used to 
minimize this difference is given in equation 2.10. It is the summation of the bias and two times 
the standard deviation of all the data points. Minimizing the objective function minimizes the 
scatter of the estimation results. Details about the choice of an objective function are given in 
appendix A. 
Objective Function = Ibiasl + 2· 
Where: 
bias = 
n L (Qrneas - Qcalc ) 
i=1 
n 
n L «Qrneas - Qcalc) - bias)2 
i=1 
n -1 
(2.10) 
Air-side resistance and volumetric air flow rate past the evaporator were estimated 
simultaneously for two different data sets. The calculated values of volumetric air flow rate were 
71 cfm and 68 cfm for data sets I and II, respectively, and the calculated values of Rair were 
11 
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0.207 h-ft2°FlBtu and 0.193 h-ft2°FlBtu. Scatter Plots of the two data sets are given in Figures 
2.2 and 2.3. 
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Data set I contains more scatter than data set II because some of its data points are highly 
superheated. High amounts of superheat exacerbate the effect of the crude geometric 
approximations made in the rate equations. For example, the heat transfer through fins 
connecting the two-phase and superheated regions may not be negligible (see Appendix B). For 
data set II the refrigerator was overcharged to ensure that the condenser exit was subcooled in 
every case, and the evaporator exit was less highly superheated, so more consistent data were 
obtained. 
The optimum values of Rair and Vair are slightly different for the two data sets. Figure 
2.4 shows that the second data set has a more precise minimum than the flrst data set. Therefore 
Yair and Rair were flxed at 68 cfm and 0.193 h-ft2oFlBtu. When these values were used to 
predict heat loads in the flrst data set the scatter increased by only 1 Btulh over its minimum, 
because the minimum for that data set was relatively shallow. Consequently the values of 68 
cfm and 0.193 h-ft2°FlBtu will be taken as the correct values for the air volumetric flow rate and 
the air-side heat transfer resistance. 
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Figure 2.4 Heat load confidence interval vs. volumetric air flow rate 
Equations 2.4 through 2.10 were also modified to predict evaporator exit temperature 
instead of evaporator heat load. Rair and volumetric flow rate were again estimated 
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simultaneously for both data sets I and II. The results of this calculation are given in Table 2.1 
along with the results of the evaporator heat load calculation. 
Table 2.1 Results of evaporator model 
Objective function Data Set I Data Set II 
Evaporator heat load Rair 0.207 h-ft2°FlBtu 0.193 h-ft2°FlBtu 
Vair 71 cfm 68 cfm 
Conf. Interval 44 Btulh 17 Btulh 
Evaporator exit temperature Rair 0.240 h-ft2°FlBtu 0.206 h-ft2°FlBtu 
Vair 87 cfm 72cfm 
Conf. Interval 1.3 OF 0.5 OF 
The results shown in Table 2.1 are relatively consistent in every case except when the 
refrigerant exit temperature is predicted for data set I. However, exit temperature predictions 
should not be trusted as much as heat load predictions for two reasons. First of all, exit 
temperature is much more sensitive than heat load to assumptions about evaporator geometry. 
Secondly, the uncertainty of our thermocouple measurements (±0.5 OF) is close to the value of 
the exit temperature confidence interval. The confidence interval increases only 0.7 OF above its 
minimum value when Rair is set equal to 0.193 h-ft2°FlBtu and Yair to 68 cfm. 
A second estimate of volumetric air flow rate was made possible due to the placement of 
thermocouples throughout the evaporator air loop. The thermocouple placement, shown in 
Figure 2.5, is used to measure the inlet temperatures of the fresh food and freezer airstreams, Tf 
and Tz, and the evaporator air exit temperature, Tout. Using these data and the measured heat 
load, the volumetric air flow rate and the fraction of air flowing through the freezer compartment 
were estimated simultaneously. This was done using an energy balance: the measured heat load 
is equal to the heat rejected from the air in the evaporator region. The results, shown in Table 
2.2, are consistent with estimates of volumetric air flow rates obtained above using refrigerant-
side data. 
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Figure 2.5 Air flow through refrigerator compartment 
However both estimates of volumetric air flow rate differ substantially from results 
obtained by Reeves et. al. (1992) which suggested that the volumetric flow rate of air through the 
evaporator was only 45 cfm. Therefore we attempted to obtain further confirmation of these 
estimates by using a thermocouple array for measuring the temperature of the freezer and fresh 
food airstreams after they mix, prior to entering the evaporator. Unfortunately, this array is 
located in the mixing region where it is subject to nonuniform velocity distributions and 
incomplete mixing; the measurement is suspect. Nevertheless, its use enabled values of 
volumetric air flow rate and air split fraction to be calculated separately. The results shown in 
Table 2.2 confirm that the volumetric air flow rate is higher than the value estimated by Reeves. 
Table 2.2 Calculation of air split fraction and volumetric flow rate 
Data Set I Data Set II 
Simultaneous Air split fraction 0.85 0.86 
Volumetric Flow Rate 66cfm 69cfm 
Independent Air split fraction 0.84 0.85 
Volumetric Flow Rate 61 cfm 64cfm 
The results of estimating air split fraction and volumetric air flow rate presented in Table 
2.2 are not conclusive because the objective function used for the estimates produced a shallow 
minimum. In addition, the simultaneous estimation resulted in a long narrow valley; more than 
one combination of volumetric air flow rate and air split fraction produced a good minimum. For 
example, with the volumetric air flow rate set equal to 68 cfm the air split fraction was 
simultaneously estimated to be 86 percent for both data sets. We have more confidence in the 
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values obtained from the simultaneous estimation because they were based on more reliable data 
than the independent estimation results. Results of the simultaneous estimation are close to the 
previous estimate of 68 cfm for the volumetric air flow rate. Independent calculations using the 
measured value of evaporator air inlet temperature indicate an air split fraction of about 85 
percent. More details on the estimation of air split fraction and volumetric air flow rate are given 
in Appendix C. 
Although calculation of the area of the desuperheating region was done carefully, the 
actual and calculated areas may differ. Heat transfer resistance may be different than predicted 
since the recooling area does not have the same physical configuration as the evaporator. While 
adding the recooling area to the calculations appeared to be a small change geometrically, it had 
a significant effect on the results, especially for evaporator exit temperature. Other small 
measurement and modeling errors could easily have the same effect. 
2.2 The one zone model 
Fifteen of the data points in data set II are two-phase throughout the entire evaporator. 
Only one equation (2.1) is necessary to model a two-phase evaporator, so it served as the focus 
for our investigation of refrigerant-side heat transfer for the two-phase region. Rair was 
estimated using both the BoPierre and the ChatolWattelet correlation, the greatest accuracy being 
achieved with the ChatolWattelet correlation. Then a more stringent test was devised: the value 
of the area ratio, a, was allowed to float in order to determine whether the physically correct 
value (5.0) was also the value that minimized the scatter in the data. This was done in order to 
determine whether or not using the ChatoIWattelet correlation for the two-zone model was 
appropriate. In the case of the one-zone model only the heat load objective function could be 
used since the evaporator exit temperature is always equal to the refrigerant saturation 
temperature. 
Figure 2.6 shows that the BoPierre and ChatolWattelet correlation yield equally accurate 
predictions of evaporator heat load, within the range of accuracy with which the evaporator load 
can be measured. However, the BoPierre correlation yields a physically unrealistic value for a. 
The value of a'determined when using the ChatolWattelet correlation is much closer to the value 
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of 5.0 determined from the evaporator's physical properties. In addition, when the 
Chato/Wattelet correlation is used, ex is set to 5.0, and the value of Rair is optimized the resulting 
confidence interval is less than 0.05 % larger than the minimum. The value of Rair obtained 
from this optimization is 0.190. This value of Rair differs by less than 2 % from the value 
calculated using the two-zone variable conductance model. 
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Figure 2.6 Comparison of Chato/Wattelet and BoPierre parameter estimation 
Although the BoPierre and Chato/Wattelet correlations predict heat loads accurately, the 
Chato/Wattelet correlation is seen to be the most physically realistic. A sharper distinction might 
have been observed if the air-side and refrigerant-side heat transfer resistances were closer in 
magnitude. 
The refrigerant-side heat transfer resistance is significantly smaller for the two phase 
region than for the superheated region. Therefore, more confidence can be placed on the 
estimate of Rair obtained from the one-zone model since the results of the one-zone model are 
less dependent on the accurate knowledge of refrigerant-side resistance. The one-zone variable 
conductance model has a shallow minimum and more scatter than the two-zone variable 
conductance model, but it provides results that are in agreement with those of the two-zone 
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model. The volumetric flow rate of air was not evaluated simultaneously with Rair since it has 
little effect on heat load when the evaporator exit is two-phase. 
2.3 Comparison with constant conductance models 
Constant conductance models have been studied extensively by Reeves et. al. (1992) and 
Staleyet. al. (1992). In this section, the constant conductance model of the evaporator will be 
compared with the variable conductance model. 
For the single-zone evaporator the variable conductance model provides a significant 
improvement over the one-zone constant conductance model. For one-zone operating conditions 
the variable conductance model had an optimum confidence interval of 39 Btu/h, compared to 55 
Btu/h for the constant conductance model. Of course, the constant conductance model is 
expected to be less accurate since it has only one parameter (conductance), and the variable 
conductance model has two parameters (air-side resistance and area ratio). Furthermore, only the 
variable conductance model takes into account the approximately 50 percent variation of 
refrigerant mass flow rate. 
For the superheated (two-zone) points the constant conductance model is also less 
accurate than the variable conductance model. The constant conductance results are given in 
Table 2.3 for comparison with the variable conductance model in Table 2.1. Note that the air 
volumetric flow rate was set to 68 cfm for the calculation of the conductances in Table 2.3. 
Simultaneous estimation of the air volumetric flow rate did not significantly change the accuracy 
of the constant conductance model. 
Table 2.3 Two-zone constant conductance results 
Objective function Data Set I Data Set II 
Evaporator heat load Two-phase U 4.9 Btu/h ft2 OF 4.6 Btulh ft2 OF 
Superheat U 0.52 Btulh ft2 OF 0.59 Btulh ft2 OF 
Conf. Interval 69 Btulh 63 Btulh 
Evaporator exit temperature Two-phase U 5.2 Btulh ft2 OF 4.9 Btulh ft2 OF 
Superheat U 0.50 Btulh ft2 OF 0.57 Btulh ft2 OF 
Conf. Interval 1.6" F 1.5 OF 
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2.4 Summary 
Results of the evaporator analysis show that the variable conductance model is a good 
model for predicting evaporator performance. However, it is important that the evaporator 
geometry be modeled correctly. When the small desuperheating area is not included in the 
evaporator analysis it causes an error of as much as 4 of in evaporator exit temperature 
prediction. In addition, although the evaporator has been modeled as a counterflow heat 
exchanger it is not completely counterflow. This assumption may account for a significant 
portion of the prediction error. 
The variable conductance model is more accurate than the constant conductance model, 
but its greatest advantage is its ability to be used with different refrigerants. Different 
refrigerants will have different refrigerant-side heat transfer coefficients. The refrigerator's 
performance with alternative refrigerants can be predicted by the variable conductance model, 
but not by the constant conductance model. 
Finally this analysis has shown that the variable conductance model makes estimation of 
parameters easier; it requires simultaneous estimation of only two variables (Vair' Rair) instead of 
three (Vair, Utp, Usp ). The model, which is based on first-principles, is clearly more accurate 
and easier to use than the more empirically based constant conductance model. 
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3.1 Air-side complexities 
Chapter 3 
Condenser Model 
The purpose of the condenser model is to estimate the parameters which characterize 
condenser performance. Important parameters include the volumetric air flow rate and the air-
side heat transfer resistance. Refrigerant-side heat transfer resistances are determined from 
equations developed in other experiments and do not need to be estimated. Estimation of the 
remaining parameters requires measurements to characterize complex air-flow patterns in the 
condenser region. Figure 3.1 is a top view of the condenser. Complications of modeling the 
condenser include air exits at the rear and bottom of the condenser region and recirculation of air 
from the grille outlet region to the grille inlet region. 
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Figure 3.1 Condenser heat exchanger geometry (Reeves et. al., 1992) 
Recirculation occurs because the heated air exits the condenser region immediately 
adjacent to where the ambient air enters the condenser region. Arrays of thermocouples were 
placed at the entrance and exit to the condenser region to measure air temperatures. The two 
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arrays were used to estimate the recirculation of air in the condenser region. Unfortunately, not 
all of the air that recirculates does so through the front of the refrigerator. There are several 
holes and slots in the wall between the upstream and downstream regions of the condenser. 
Heated air can leak back into the entrance flow path through these holes and slots without being 
detected by the two arrays. Since the inlet and exit thermocouple arrays were used to find 
recirculation and volumetric air flow rate, the values calculated for these two parameters will not 
be exact. 
On the low pressure side of the condenser fan some air is drawn into the condenser region 
through holes and slots in the sheet metal floor of the condenser compartment. Although the 
holes and slots may allow cool air to enter the condenser region, making the condenser more 
efficient, it also makes it more difficult to predict and analyze condenser performance. Similarly, 
downstream of the condenser fan some air is forced to exit through holes and slots before passing 
over parts of the condenser coil. 
3.2 Recirculation fraction 
Some difficulties were encountered when the recirculation fraction was calculated. 
Although all of the data (three data sets with a total of 95 data points) indicated a recirculation 
fraction between 0.25 and 0.35, we expected the recirculation fraction to be more precise. In 
addition, the estimated recirculation fraction varies between data sets, and in some cases appears 
to depend on the ambient chamber temperature. A data set taken by Reeves et. al. (1992) 
provides the most accurate estimation of recirculation fraction: 0.31. Between data sets the 
condenser pan was removed and reinstalled in order to recharge the refrigerator; because of this, 
the recirculation fraction may have changed. So recirculation fraction was calculated for data 
sets I and II also. Table 3.1 shows the calculated recirculation fractions along with the 
confidence intervals of the grille inlet temperatures predicted using the fraction. Note that 
although the accuracy of the recirculation fraction may be good for Reeves' data set and data set 
I, it is not good for data set II. 
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Table 3.1 Recirculation fraction 
Data Set Recirculation Confidence Interval 
Fraction (T air I!i) 
Reeves 0.31 0.35 OF 
Data Set I 0.29 0.89 uF 
Data Set II 0.32 1.91 OF 
The inaccuracy of the second data set was attributed to problems with the grille inlet 
temperature measurement. The grille inlet temperature was measured using an array of 
thermocouples. The array does not give readings that are always consistent with the grille outlet 
temperature measurements and condenser heat load. As shown in Figure 3.2, the array gives 
very consistent results for Reeves' data set, but results were slightly worse for data set I and 
much worse for data set II. Our thermocouple measurements are accurate to within 0.7 OF as 
shown by the bounds in Figure 3.2. Although a deviation in temperature of 0.7 OF can cause 
considerable error when the recirculation fraction is calculated, it is clear from Figure 3.2 that 
thermocouple noise is not the only source of error. 
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Figure 3.2 Comparison of calculated and measured values of grille inlet temperature 
One possible explanation for the scatter in data set II is measurement drift of our data 
acquisition system. One faulty circuit board was discovered after data set II was gathered, and it 
was replaced. A second possible explanation is that the array does not give a measurement that 
22 
is representative of the entire inlet region (data set II included many extreme conditions that 
could have produced substantial changes in the temperature gradient across the inlet array). 
3.3 Volumetric air flow rate and leak fraction 
Before modeling the condenser, the volumetric air flow rate through the condenser region 
and the leak fraction were determined. Though previously determined by Reeves, we attempted 
to reevaluate these parameters using the more carefully taken data sets. It was difficult to 
determine volumetric air flow rate and leak fraction because the two parameters are 
interdependent, as described by Reeves. Fortunately, because the volumetric air flow rate is so 
\ 
large, the two parameters do not significantly affect the accuracy of the condenser model. 
However, for the model we settled on a volumetric flow rate of 110 cfm (slightly higher than the 
106 cfm volumetric flow rate determined by Reeves), and a leak fraction of 0.3. 
3.4 Condenser inlet air temperature 
It has been observed that the condenser air temperature varies by as much as 30 OF across 
the inlet region due to recirculation of outlet air. Since the upstream area contains the subcooled 
zone of the condenser, even small variations in the inlet air temperature could affect heat transfer 
in that zone significantly. In order to account for the variation in inlet air temperature an attempt 
was made to predict the average inlet temperature for each of the two zones upstream of the fan: 
the subcooled zone and the upstream fraction of the two-phase zone. 
Although we have measurements of average air inlet temperature for the data sets, we do 
not have temperature distribution information for the inlet air. A significant fraction of the inlet 
air recirculates inside the compartment, behind the grille where the air inlet temperature is 
measured. In order to account for this problem the temperature distribution across the inlet air 
region was determined for four additional operating conditions. Figure 3.3 shows the locations 
of 12 additional thermocouples used to determine the inlet air temperature distribution. The 
upstream region of the condenser has three layers of wire and tube heat exchanger as shown in 
the figure, with the layers of tubes aligned perpendicular to the grille inlet region. The 
thermocouples are numbered sequentially with respect to the refrigerant outlet. The arrows in 
the diagram indicate the general direction of refrigerant flow through the condenser tubing. 
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Figure 3.3 Front view of condenser air inlet 
Most of the recirculation air reenters on the left side of the condenser air inlet, near the 
centerline of the refrigerator. Therefore the temperatures measured by the thermocouples 
decrease from left to right across the condenser inlet. Figure 3.4 shows the inlet air temperature 
distribution as a function of thermocouple location for one of the four operating conditions. Note 
that the measured temperatures increase from thermocouple 1 to thermocouple 4, decrease from 
5 to 8, and increase from 9 to 12. 
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Figure 3.4 Condenser inlet air temperature distribution 
Because of the large variations shown in Figure 3.4 the inlet air temperature distribution 
can not be ignored if the condenser is to be modeled properly. The average air inlet temperatures 
of the subcooled and two-phase regions can be determined by integrating the air inlet 
temperature distribution. Consequently, the average air inlet temperature of each region will be 
dependent on the area of the condenser subtended by that region. Since the sum of the areas of 
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the subcooled zone and upstream two-phase zone of the condenser is constant, the average inlet 
temperature of each region can be given as a function of subcooled area. Figure 3.5 is a graph of 
the average air inlet temperature of the subcooled region and the two phase region as a function 
of subcooled area. 
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Figure 3.5 Average air inlet temperatures 
The average air inlet temperature of the subcooled zone is about 5 degrees above the 
chamber temperature for small amounts of subcooling. However, once the area of the condenser 
covered by the subcooled region reaches approximately 1 ft2 the average air inlet temperature of 
the subcooled region rises dramatically (near thermocouples 4 and 5). For modeling purposes 
the subcooled air inlet temperature distribution given in Figure 3.5 is somewhat unstable due to 
the steep slope of the curve at this point. The distribution shows that as the area subtended by 
the subcooled region increases the average inlet air temperature also increases. Since heat 
transfer is an increasing function of subcooled area and a decreasing function of air inlet 
temperature the model could have a number of solutions that give the same value of heat transfer. 
Only one of the solutions is correct, however, since the mass inventory of the refrigerator dictates 
the volume of the condenser that is occupied by each heat transfer zone. Because the change in 
average inlet air temperature is so dramatic when the subcooled area ranges between 1 and 2 ft2, 
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a slight miscalculation of subcooled area leads to a significant miscalculation of average inlet air 
temperature. 
The average inlet air temperature distribution (such as that shown in Figure 3.5) was 
determined for each of the four additional operating conditions. Two of the temperature profiles, 
taken at 60 of and 75 of ambient conditions, were normalized with respect to the chamber 
temperature, and a curve fit was made of the normalized temperatures. The two curves were 
nearly parallel and spanned most of the inlet temperatures in data sets I and II. For each of the 
95 data points in Reeves' data set, data set I, and data set II the measured grille inlet temperature 
was used to linearly interpolate (or in a few cases extrapolate) an actual inlet temperature. The 
temperature distributions of the additional two operating conditions confirmed that the 
distributions that were used were adequate. Curve fits were only determined for the average inlet 
air temperature of the subcooled region since the average inlet air temperature of the two-phase 
region could be calculated using the subcooled distribution and the overall average inlet air 
temperature. 
3.5 Governing equations 
The refrigerant-side of the condenser was divided into four regions. The four regions 
include the subcooled zone, the part of the two-phase zone upstream of the condenser fan, the 
part of the two-phase zone downstream of the condenser fan, and the superheated zone. The 
refrigerant-side heat transfer coefficients of the superheated and subcooled zones were 
determined using the Gnielinski correlation (Incropera and De Witt, 1990). Although the 
subcooled zone had a Reynolds number slightly less than 2300 for several cases, the flow was 
assumed to be turbulent because of the condenser geometry. The two-phase regions of the 
condenser were modeled using the Chato/Dobson correlation (Dobson et. al., 1993). 
The conductances of the three condenser regions are determined using Equation 1.3. The 
value of the air-side resistance, Rair, was the only unknown parameter to be estimated from the 
95 operating conditions in Reeves' data, data set I and data set II. The value of the area ratio, a, 
is 2.58 for every region of the condenser. Equations 3.1 through 3.3 give the conductance of 
each condenser region. 
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For the superheated region: 
_1_ = R. + 2.58 
U sp 81f hsp 
For the two-phase regions: 
_1_ = R. + 2.58 
Ulp all" htp 
For the subcooled region: 
_1_ = R. + 2.58 
Usb all" hsb 
(3.1) 
(3.2) 
(3.3) 
The conductances are then used to detennine the heat transfer in each region of the 
condenser. The condenser geometry is a parallel-counterflow arrangement in which the shell 
fluid mixes. The equation for determining the effectiveness of this arrangement is given by Kays 
and London (1984). The appropriate fonn of this equation is denoted by Equations 3.4 and 3.5 
for the superheated and subcooled regions, respectively. Equations 3.6 and 3.7 are used for 
determining the effectiveness of the two-phase regions of the condenser. 
2 
2 
Where: 
1 + [Cs~]2 
Calf 
And: 
For the upstream two-phase region: 
Etp1 = 1 _ exp[-U tpAtpl ] 
Cair1 
(3.4) 
(3.5) 
(3.6) 
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And for the downstream two-phase region: 
[ -U A 2] e = 1 - exp tp Ip tp2 C 
air2 
(3.7) 
Finally, the effectiveness of each region can be used with the rate equations that are 
applicable to each region of the condenser. The four rate equations are given by Equations 3.8 
through 3.11. 
Qsp = EspCsp(Tref'l - Tair,mid) 
Q sb = Esb C sb (T ref ,2 - T air ,sgd 
Qlpl = EtplCair(Tref,2 - Tair,tpgi) 
Qtp2 = Elp2C air(Tref ,2 - T air•mid ) 
(3.8) 
(3.9) 
(3.10) 
(3.11) 
Three more equations are necessary for the solution of equations 3.1 through 3.11. The 
additional equations are equations 3.12 through 3.15. 
Qcalc = Q sb + Qlp1 + Qtp2 + Qsp 
Acond = Asb + Alp1 + Alp2 + Asp 
Qsp = ril..1hsp 
Qsb = ril..1hsb 
(3.12) 
(3.13) 
(3.14) 
(3.15) 
An optimization problem was formulated to find the value of Rair that minimized the 
difference between the calculated and measured values of the condenser heat load. The objective 
function minimized (the confidence interval for the prediction of Qcond) is exactly the same as 
equation 2.10 except that the condenser heat load is used instead of the evaporator heat load. 
The measured value of the condenser load is found from the refrigerant-side energy balance 
given by equation 3.16. 
(3.16) 
Because of the instability of the measured grille inlet temperature, the previously 
estimated values of recirculation fraction and the measured grille outlet temperature were used to 
calculate that temperature. Using Equations 3.1 through 3.16 and the curve fit of the grille inlet 
temperature distribution, a value of 0.102 h-ft2°F/Btu was determined for the air-side resistance 
of the condenser using Reeves' data set. The value of the objective function (the confidence 
interval of the resulting prediction of Qcond) was only 32 Btulh for this value of Rair, roughly a 2 . 
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to 3 percent error on the prediction of Qcond. The small amount of error that results when Rair is 
calculated using Reeves' data set can be attributed to the inaccuracy of air and refrigerant 
temperature and pressure measurements. Next, the value of Rair calculated using Reeves' data set 
(0.102 h-ft2°FIBtu) was used to predict Qcond for the 39 operating conditions of data set I, which 
was obtained with the refrigerator containing a different refrigerant charge. These predictions 
had a confidence interval of 40 Btulh for the 26 operating conditions that had a two-phase 
condenser outlet, and 58 Btulh for the 13 subcooled operating conditions. When Qcond was 
predicted for data set II using the value of Rair determined from Reeves' data set the confidence 
interval was 149 Btulh. However, the refrigerator was greatly overcharged for the collection of 
data set II, so the area of the subcooled region was quite large, making the flow and heat transfer 
patterns extremely complex and difficult to model. This may have contributed to the uncertainty 
of recirculation fraction (hence T air, gU as was shown in Table 3.1. A summary of the results is 
given in Table 3.2. 
Table 3.2 Summary of condenser results 
Rair Il cr Confidence Interval 
Reeves (1992) 0.102 h-ft2°FIBtu o Btulh 16 Btu/h 32 Btu/h 
Data set I two-phase 0.102 h-ft2°FIBtu 6 Btulh 17 Btu/h 40 Btulh 
Data set I subcooled 0.102 h-ft2°FIBtu 9 Btu/h 24 Btu/h 58 Btu/h 
Data set II 0.102 h-ft2°FIBtu 57 Btulh 46 Btulh 149 Btulh 
Figure 3.6 shows the scatter of the three sets of data more clearly. It is evident that the 
accuracy of Reeves' data set and data set I is good. However, for several operating conditions 
data set II results in an overprediction of the condenser load. Details of each individual data set 
are presented in Appendix F. 
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Figure 3.6 Comparison of measured and calculated condenser loads 
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Much of the error in data set II and the subcooled points of data set I is associated with 
the bias of the objective function, not its standard deviation. Although the bias is much lower 
than what it would be if the transverse gradient in the inlet air temperature were ignored, it is still 
significant. The amount of condenser used by the subcooled region is quite high for data set II, 
and often lies in the region where a small miscalculation of subcooled area results in a large inlet 
air temperature estimation error. Miscalculation of the subcooled area could be the result of 
incorrect grille inlet temperature measurements, or the temperature distribution that was used for 
the estimation may not have been the correct distribution (conditions when the distribution was 
determined were slightly different than conditions when the two data sets were gathered). The 
average inlet air temperature of the subcooled region is more accurately known for small 
amounts of subcooling since it is relatively insensitive to changes in the grille inlet temperature 
distribution under these conditions. In contrast, when the amount of subcooled area is large 
inaccuracies due to interpolation of the two curve fits are significant. 
Data set II can be divided into three subsets taken at 3 different chamber ambient 
temperature readings. Most of the inaccuracy in the objective function was associated with the 
75 degree ambient temperature. The 75 degree group of data also yields a poor estimate of the 
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recirculation fraction, so it is quite possible that the grille inlet and outlet thermocouples may 
have given faulty readings during that period. 
3.6 Summary 
The variable conductance model gave good results for both Reeves' data and data set I, 
especially for the data points that were two-phase at the exit of the condenser. The complexity of 
the condenser made it difficult to attain the same kind of accuracy for the highly subcooled data 
points of data set II. However, had the inlet temperature conditions been more accurately known, 
we are confident that the model would have given better results for data set II. Although it could 
not be accurately mapped, the downstream region of the condenser also has a temperature 
distribution across its inlet. Measurements of grille outlet temperature and refrigerant outlet 
temperature appear to be consistent, but temperature measurements that are off by less than one 
degree Fahrenheit can lead to significant error. 
Although the air-side resistance is not constant throughout the condenser region it is a 
very difficult parameter to model and depends on air velocities which vary across the entire 
condenser. However, since the wire fins help distribute condenser heat more evenly the 
assumption that the air-side resistance is constant produces good results. The effect of 
uncertainty in the air leakage fraction is more difficult to assess because of the difficulties in 
estimation of volumetric air flow rate. However, the leaks and recirculation areas of the 
condenser are currently being examined by Cavallaro (1994). Reduction of air leaks and 
recirculation will result in a more effective condenser. Inlet air temperatures will be reduced, 
improving heat transfer, and less of the work done by the fan will be wasted. 
The results of data set II show that it is imperative that the area required by the subcooled 
region is calculated correctly. Poor prediction of subcooled area will not only cause bad 
estimates of the condenser heat load, but will also cause poor estimates of the overall system 
performance. For operating conditions that cause a highly subcooled condenser exit, the 
refrigerant found in the subcooled region of the condenser is a large percentage of the overall 
refrigerator charge. Because of this, miscalculation of the subcooled area will result in large 
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errors in mass inventory calculations. From a design standpoint, highly subcooled conditions are 
undesirable because they result in degraded heat transfer in the condenser region. 
The calculated refrigerant-side heat transfer coefficients may be a significant source of 
estimation error. However, the model is definitely more accurate than the constant conductance 
model, and it has the advantage of being more versatile. The variable conductance model can be 
used to analyze different refrigerants; whereas the parameters determined by the constant 
conductance model are only useful for the refrigerant used to obtain them. 
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Chapter 4 
Conclusions and Suggestions for Future Research 
4.1 Conclusions 
Results of the evaporator and condenser models show that variable conductance 
models are more accurate than simple constant-conductance models. Variations in heat 
transfer resistance resulting from changes in refrigerant flow properties can be accounted 
for by the variable conductance model. Therefore, variable conductance models have the 
advantage of being versatile and can be used to predict the behavior of alternative 
refrigerants, changes in tube diameters, etc. 
The evaporator model was able to predict evaporator loads within 4 %. This 
indicates that the evaporator heat transfer resistance is known within about 4 %. Using a 
simple constant conductance model it was estimated that aID % error in the heat transfer 
resistance causes only a 1 % error in the calculation of COP (Bullard, 1993). Therefore, a 
4 % error in the estimated heat transfer resistance would be expected to produce only a 
0.5 % error in the calculation of COP. Similarly, the heat transfer resistance of the 
condenser was estimated within about 5 %, allowing condenser loads to be predicted 
within 5 %, except in cases where subcooling was excessive. This could also lead to a 
0.5 % error in the estimation of COP. Bullard and Porter (1992) showed that such small 
uncertainties in parameters such as heat exchanger conductances tend to cancel one 
another and combine with other parametric uncertainties in ways that permit quite 
accurate prediction of COP and system energy use. 
The condenser model provided several insights about how performance can be 
improved. First of all, the volumetric air flow rate across the condenser coils can be 
improved by eliminating places where the air can escape from the condenser region 
without removing heat. Our model indicates that if the volumetric air flow rate were 
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increased by 20 cfm (from 110 cfm to 130 cfm) the condenser size could be reduced by 
10 % while providing the same amount of heat transfer. 
Eliminating recirculation of outlet air to the grille inlet can result in even better 
performance. For example, when all of the recirculation was eliminated in our condenser 
model it was found that the condenser size could be reduced by as much as 40 %. By 
eliminating only the recirculation that occurred inside the condenser region our model 
predicted a possible reduction in condenser size of 25 %. 
It is quite clear from these figures that recirculation and regions where unheated 
air can leak: are both undesirable. In order to eliminate them, however, it is necessary to 
provide an unimpeded exit path at the back of the refrigerator and eliminate or seal any 
holes that were punched in the floor of the condenser compartment during the 
manufacturing process. See Appendix D for more details about the effects of 
recirculation and volumetric air flow rate on condenser performance. 
For both the evaporator and the condenser the heat transfer resistance of each heat 
transfer zone is the sum of three components: the air-side heat transfer resistance, the 
constant part of the refrigerant-side heat transfer resistance, and the variable part of the 
refrigerant-side heat transfer resistance. Figure 4.1 shows the two constant components 
of heat transfer resistance and the range covered by the variable part of the refrigerant-
side heat transfer resistance. The chart demonstrates that a variable conductance model is 
necessary for both the evaporator and the condenser. The refrigerant-side heat transfer 
resistances of the two-phase and superheated zones of the evaporator both make major 
contributions to the overall heat transfer resistance, and a large fraction of the two 
refrigerant-side resistances is variable over the range of operating conditions covered in 
our experiments. In the condenser, both the superheated and subcooled zones have a 
significant refrigerant-side heat transfer resistance. Changes in the refrigerant-side heat 
transfer resistance have virtually no effect on the overall heat transfer resistance in the 
two-phase region of the condenser. This is because the refrigerant-side heat transfer 
34 
.' 
resistance is insignificant compared to the air-side heat transfer resistance in the two-
phase region. 
Two-phase 
Superheated 
Two-Phase 
Superheated 
Subcooled 
o 
Air-side 
Constant part of refrigerant-side 
Variation across operating conditions 
0.1 0.2 0.3 0.4 0.5 0.6 
Contributions to Overall Heat Transfer 
Resistance (h-ft2°F/Btu) 
0.7 
Figure 4.1 Contributions to overall heat transfer resistance 
Finally, judging from the results of the two heat exchanger models, it is apparent 
that the correlations used to describe the heat transfer coefficients for the subcooled, 
superheated, and two-phase conditions are sufficiently accurate to provide good results. 
4.2 Suggestions for future research 
The variable conductance model still needs to be confirmed with alternative 
refrigerants. Provided that the equations used to calculate the refrigerant-side heat 
transfer coefficients are correct, and the configurations of the condenser and evaporator 
are not changed, the model should provide good results for alternative refrigerants. 
It is also suggested that the condenser air flow patterns be simplified to eliminate 
the difficulty of independently determining volumetric air flow rate, caused by air 
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entering and exiting in areas other than the grille inlet and outlet regions. By eliminating 
all inlets and exits except for the two grille regions the condenser should be easier to 
model, and the changes due to alternative refrigerants easier to detect. Of course the new 
value of air-side resistance corresponding to the new operating conditions must be 
determined. 
Our two models have shown that seemingly insignificant geometric characteristics 
can make modeling and calorimetry very difficult. In the evaporator, a small 
desuperheating region made prediction of evaporator outlet temperature very difficult. In 
the condenser, recirculation and air leaks made the condenser difficult to model. Heat 
exchanger characteristics that may seem insignificant should be examined closely before 
being disregarded. 
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Appendix A 
Objective Functions for Parameter Estimation 
Good objective functions are necessary so that calculated parameters will not be 
erroneous and will not provide poor prediction of heat exchanger performance. Three parameters 
were of interest in the parameter estimation process and each was investigated. The three 
parameters that were investigated for predicting heat exchanger performance were heat load, the 
area taken up by each zone (i.e. two-phase, subcooled, and superheated), and heat exchanger exit 
temperature. A possible set of objective functions that can be minimized to obtain conductance 
parameters is given below. 
n 
L(Qevapload - Qrate)2 
i=1 
n 
L(Ameas - Acalc>2 
i=1 
n 
L(Teo,meas - Teo,calc)2 
i=1 
(A. 1) 
(A. 2) 
(A.3) 
Equations A.l through A.3 are each minimized to obtain optimum prediction of the 
parameters inside the objective function. For example, if the area model were perfect the total 
measured area of the evaporator would be equal to the sum of the calculated two-phase area and 
the calculated superheated area of the evaporator for every evaluated case, and the resulting 
value of objective function A.2 would be zero. The two calculated areas are determined using 
the effectiveness rate equation, and the two conductances, Utp and Us up, are determined from the 
required heat loads of each zone. 
A more useful set of objective functions will be described later, but they will all include 
either a heat load comparison, an area comparison, or a heat exchanger exit temperature 
comparison as equations A.l, A.2, and A.3 do. 
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It is obvious that the accuracy of the model for determining a particular parameter is 
dependent on which parameter is used in the objective function. For example, in order to predict 
the exit temperature of the evaporator it is best to use model parameters that were determined 
using equation A.3. If the model parameters used were found by utilizing a different objective 
function the resulting predictions will not be as accurate. Equation A.2 is not very useful as an 
objective function because knowledge of how much the measured area varies from the calculated 
area is not usually important. In addition, using equation A.2 as the objective function does not 
result in the best possible conductances for predicting heat load or exit temperature. 
In the past, the type of objective function used to calculate various parameters was the 
sum of the squares of the difference between an objective function's measured value and its 
calculated value. These types of objective functions are demonstrated by equations A.I, A.2, and 
A.3. Although minimization of this type of objective function resulted in correct or nearly 
correct solutions, it did not provide insight into a model's characteristics or accuracy. In order to 
overcome this deficiency, the form of the objective function has been investigated. Casey 
Mullen has done some work to determine what the proper configuration of the objective function 
should be. He has determined that the best configuration involves both bias and standard 
deviation. 
The objective function that Mullen chose was equation A.4. 
Obj. Function = 1111 + 20' (AA) 
11 is the bias distance from the mean of the calculated curve fit to the mean of the measured curve 
fit and 0' is the standard deviation of each calculated data point from the mean calculated curve 
fit. Since 95 percent of the calculated data points lie within two standard deviations of the mean, 
95 percent of the calculated data points will lie within the distance given by the objective 
function above from their measured value. The mean, 11, can be determined using equation A.5. 
n 
I(Xi - x) 
i=I 11 = ---
n 
(A.5) 
x is the parameter being evaluated (e.g. evaporator exit temperature) and n is the number of data 
points being used in the parameter estimation. The subscript i indicates the measured value 
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while the calculated value of a parameter has no subscript. The standard deviation, cr, can be 
evaluated using equation A.6. 
cr= 
n 
L«Xi -x) - Jl)2 
i=1 
n - 1 (A. 6) 
When the combination of these two parameters is used for the objective function of a parameter 
estimation the objective function can be very useful for finding where an error is embedded 
within the estimation and what type of error it is. A large value of bias, Jl, indicates some type of 
systematic error either in the measurement of the objective parameter or in its calculated value. 
By tracking down what causes the systematic error, the model can be improved. For example, 
there was a large bias error in the prediction of evaporator exit temperature when equation A.4 
was used as the objective function. The source of the bias error was tracked down to a modeling 
inaccuracy (neglecting a de superheating region). Accounting for the desuperheating region led 
to improvement of the model. If equation A.3 had been used as the objective function this 
observation would not have been made. Random errors, indicated by unaccountable scatter of 
data points may be caused by uncertainties or model imperfections; these types of errors usually 
will not appear in the mean deviation, Jl. Since the two parts of the objective function give 
information about the different sources of error in a model it is suggested that both parts are 
calculated independently. 
As an example, if Qrneas is the measured value of heat load and Qcalc is the calculated 
value of heat load, then equations A.4 through A.6 can be rewritten to form equation A. 7. 
n n L (Qrneas - Qcalc) L (CQrneas - QcaJc) - J1)2 CA.7) 
Objective Function = i=l + 2. 
n 
i=l 
n -1 
When 20 data points are being analyzed in equation A.7 the value of n is 20, and equation A.7 is 
solved for all of the 20 data points simultaneously. 
Although the objective functions above are used to determine parameters like 
conductance or air-side resistance, they do not give information about how accurate the estimated 
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parameters are. However, equations A.4 through A.6 do give valuable information about the 
accuracy of subsequent predictions of the objective function parameter. 
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Appendix B 
Evaporator and Condenser Geometric Complexities 
Several aspects of the condenser and evaporator could not be accounted for by the 
variable conductance model. Some of them may contribute significantly to the error 
present in the results of the two models. They are described here so they can be 
considered by designers and analysts who may deal with similar heat exchanger 
configurations in the future. This Appendix describes some of the assumptions 
incorporated in the two models and how they could affect results. Although contributions 
to error can not be analyzed numerically for most cases, many of the assumptions are 
expected to be significant contibuters to the scatter in our data. 
B.1 Evaporator 
The first assumption of the evaporator that will be analyzed is the counterflow 
assumption. The counterflow assumption does not make a difference when the 
evaporator exit is two-phase because the effectiveness of a two-phase heat exchanger is 
independent of the configuration (due to constant saturation temperature). However, 
heat exchanger geometry does make a difference when the evaporator exit is superheated. 
The evaporator we modeled is not purely counterflow. The refrigerant generally flows in 
the opposite direction as the air, but the geometry of the evaporator also has some parallel 
and cross flow characteristics. 
A second physical characteristic of the evaporator geometry also can not be 
accounted for. The evaporator, shown in Figure 2.1, is composed of 18 passes. It can be 
divided into three banks of 6 passes each. The six passes in each of the banks are 
interconnected by fins. Although this characteristic does not significantly affect the two-
phase region of the evaporator it does affect the superheated region. Parts of the 
evaporator tube with different temperatures have heat transfer between them, and the 
temperatures of the fins will be a function of all the tubes that they contact. 
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The air-side heat transfer resistance was assumed to be constant throughout the 
evaporator for all of the data points. However, variation in air velocities and properties 
cause Rair to change. Air velocities and properties vary spatially because of the geometry 
of the evaporator system. Velocities also vary between operating conditions because of 
changes in air temperature; air temperature changes cause changes in the volumetric air 
flow rate through the cabinets. Finally, air velocities may change due to frost fonnation. 
Frost formation can cause changes in the air-side heat transfer coefficient. Small amounts 
of frost fonnation may decrease fin to tube contact resistance, but large amounts 
negatively affect heat transfer by blocking airflow. 
B.2 Condenser 
Several simplifying assumptions were also made when modeling the condenser. 
First of all, there are air leaks between the upstream and downstream sides of the 
condenser. Some of the air that recirculates does not pass by the thennocouple array used 
to measure the inlet air temperature. Additional recirculation air decreases the efficiency 
of the condenser. The percentage of air that bypasses the thermocouple array is 
significant according to Cavallaro (1993). 
Cavallaro also has observed a large percentage of air leaking into and out of the 
condenser region in places other than the front grille. Air that leaks in may be at ambient 
temperature and could significantly improve heat transfer. However, it is difficult to 
model these air leaks. Similar to the evaporator, air-side resistance is probably not 
constant for the entire condenser. Cavallaro observed significant variations in air velocity 
throughout the condenser region. 
Although an attempt was made to estimate the air temperature distribution across 
the condenser inlet, it would have been more effective to measure the temperature 
distribution when the data sets were gathered. 
The condenser is a wire and tube heat exchanger. The wires connect adjacent 
condenser passes. The short circuiting effect of the wires will not be as significant as it is 
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in the evaporator because the wires only connect the passes that are immediately 
upstream and downstream of one another. In addition, by distributing heat more evenly 
across the condenser cross section, the condenser wires may decrease error caused by the 
assumption that the air-side resistance is constant, at least within the two-phase zone. 
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Appendix C 
Split Fraction and Volume Flow Rate of Air in the Evaporator 
The air flow through the evaporator of our refrigerator is split into two air streams; one 
that travels through the freezer compartment and one that travels through the refrigerator 
compartment. For parameter estimation purposes it is necessary to know the total volumetric air 
flow rate and the fraction of air that flows through each compartment. Reeves et. al. (1992) 
estimated the freezer air flow fraction of the Amana refrigerator to be 85 percent for one data set 
and 70 percent for a second data set. The change in air split fraction was attributed to changes in 
the system configuration between the two data sets. In order to check this hypothesis two more 
data sets were gathered, and the corresponding air split fractions were calculated. 
A mixing control volume is defined by Figure C.I for determining air split fraction. Tz 
and Tf are the temperatures of the air returning from the freezer and refrigerator compartments, 
respectively. Tma is the temperature of the air that enters the evaporator region after mixing. 
I - - - - - - - - - - -, 
I 
Tz I 
Tma 
Tf I 
I 
L 
- - - - - - - - - -
-.J 
Figure C.I Air mixture control volume 
There are two ways to calculate air split fraction. The first way is to do a comparison of 
the measured and calculated values of Tma. The calculated value is found using the measured 
return air temperatures T z and Tr. When the enthalpies of the two return air streams are known 
the enthalpy of the mixed air stream is only dependent on the fraction of air coming from each 
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compartment. However, the measurement of Tma is suspect because the freezer and refrigerator 
air may not be completely mixed at the point where it is measured. The second way to estimate 
air split fraction is to calculate it simultaneously with the volumetric flow rate of air past the 
evaporator. 
If a measured value of Tma is used, the air split fraction fz can be calculated independent 
of volumetric air flow rate. In order to calculate air split fraction independently equation C.I is 
used along with an objective function based on the difference between the calculated and 
measured values of mixed air temperature. 
Tmacalc = fzTz + (1 - fz)Tf (C.I) 
Where: 
Tz = measured freezer duct inlet temperature 
Tf = measured refrigerator duct inlet temperature 
Tmacalc = calculated evaporator inlet temperature 
fz = fraction of air that flows through freezer f 
The volumetric air flow rate through the refrigerator compartment can also be calculated 
independently using the measurement of Tma and the evaporator heat load. The measured value 
of the heat load is found by adding all of the heat leaks and power inputs to the refrigerator 
compartments. A calculated value of the heat load can be found using equation C.2. These two 
values of heat load could be compared in an objective function, but it is much more useful to us 
to have a temperature-based objective function. A temperature-based objective function makes 
the comparison of independent and simultaneous results possible. So Qeair was set equal to the 
measured heat load, and Teocalc was calculated using the temperature difference of the air across 
the evaporator and the measured value of Tma. 
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Qeair = cpri'1.6. T (C.2) 
Where: 
Qeair = air side evaporator load 
cp = specific heat of air 
m = air mass flow rate 
~T = temperature difference of air across the evaporator (Tma - Teo) 
Teo = evaporator outlet temperature 
The volumetric air flow rate is calculated from m. Volumetric flow rate and air split 
fraction were both estimated independently by maximizing the accuracy of the prediction of 
evaporator air outlet temperature; this is done by minimizing function C.3. 
n n 
LCTeomeas -Teocalc) 
Obj. function = i=1 + 2· 
L«Teomeas -Te0calc)- bias)2 
i=l 
n-1 n 
Results are given in Table c.1. 
Table C.1 Independent calculation of air split fraction and volume flow rate 
Data Set I Data Set II 
Independent: Air split fraction 0.84 0.85 
Confidence interval 1.4 OF 1.1 of 
Independent: Volumetric flow rate 61 cfm 64cfm 
Confidence interval 2.0 of 1.4 OF 
(C.3) 
Equations C.1 and C.2 can be combined to estimate air split fraction and volumetric air 
flow rate simultaneously without relying on a measured value of Tma. Again, the objective 
function we used compared measured and calculated evaporator outlet air temperatures. 
Volumetric flow rate has been estimated using two different measurements of return air 
temperatures, and the results are given in Table C.2. 
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Table C.2 Simultaneous calculation of air split fraction and volume flow rate 
Data Set I Data Set II 
Simultaneous: Air split fraction 0.89 0.86 
Tr, Tz Volumetric flow rate 72cfm 70cfm 
Confidence interval 0.4 OF 0.4 of 
Simultaneous: Air split fraction 0.85 0.86 
Tf2, Tz2 Volumetric flow rate 66cfm 69cfm 
Confidence interval 1.4 OF 0.4 OF 
The return air temperatures Tfl and Tz2 were initially thought to be more trustworthy than 
Tr and Tz because their measurement is taken after the air has passed through the mullion. While 
the air is passing through the mullion some heat is exchanged between it and the freezer and 
refrigerator compartments. Results are the same for each estimation because simultaneous 
calculation of volumetric flow rate and air split fraction results in a long, narrow parameter 
estimation valley. In other words, when estimated simultaneously many combinations of air split 
fraction and air volumetric flow rate will produce a small objective function. However, as stated 
previously, independent calculation of air split fraction and volumetric air flow rate depends on a 
measured value of Tma that is suspect. 
Comparing the confidence intervals in Tables C.I and C.2 indicate that the simultaneous 
estimation of air split fraction and volumetric air flow rate gives more accurate results than the 
independent estimation. Although the simultaneous estimation has a shallow minimum we trust 
its results more than those of the independent estimation. Since the second set of return air 
temperature measurements are better than the first set, it is likely that volumetric air flow rate is 
between 65 and 70 cfm and air split fraction is about 0.86. In a separate study done by Krause 
(1992) volumetric air flow rate and air split fraction were estimated to be 74 cfm and 0.88, 
respectively, which are also consistent with the results of the simultaneous estimation. 
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Appendix D 
Possible Improvements in Condenser Performance 
D.I Improving air flow 
By improving the air flow characteristics of the condenser, condenser 
performance can be improved. Our estimate of volumetric air flow rate was lower than 
the rated capacity of the condenser fan. The effective volumetric flow rate of the 
condenser fan is lower because of air leaks between the downstream and upstream side of 
the condenser region and holes that allow air to escape from the condenser region. 
Eliminating the unwanted leaks will improve condenser performance. 
Our condenser model can be used to demonstrate this improvement. In order to 
gauge improvement in condenser performance volumetric flow rates of 110, 120, and 130 
cfm were examined. Air velocity across the condenser coils increases linearly with 
volumetric air flow rate, and air-side resistance is an inverse function of the square root of 
the air velocity. Using the previously determined value of Rair and the relation between 
air-side resistance and volumetric air flow rate, two sets of data were examined; Reeves' 
(1992) data set and data set I. 
For fixed operating conditions, the condenser area that was required for 
dissipating the measured heat load was calculated. When the volumetric air flow rate was 
increased from 110 to 120 cfm a 5 % decrease in required condenser area was observed 
for the two-phase operating points of Reeves' data and data set I; a 4 to 5 % decrease was 
observed for the subcooled data points of data set I. Increasing the volumetric air flow 
rate to 130 cfm decreased the condenser area another 5 % for the two-phase points of 
Reeves' data set and data set I, and another 4 to 5 % for the subcooled data points. 
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D.2 Eliminating recirculation 
Our experiments and analysis also suggest that condenser performance could be 
improved by eliminating the recirculation of outlet air. If the inlet temperature is 
lowered, heat transfer per unit area should increase because of the larger temperature 
difference between the refrigerant and the air. In order to understand how recirculation 
affects condenser performance three different inlet temperatures were used. The fIrst set 
of temperatures used were the actual inlet temperatures that were found using the inlet air 
distribution given in Chapter 3; this assumes that recirculation is not impeded at all. The 
second set of inlet temperatures used were the grille inlet temperatures measured using 
the thermocouple array; this assumes that recirculation does not occur within the 
condenser region behind the grille but can occur outside the condenser region in front of 
the refrigerator. The fInal set of inlet temperatures used were the ambient temperatures of 
each operating condition; this assumes that all recirculation has been prevented. As with 
the volumetric air flow rate effects, the effects of minimizing air recirculation were also 
examined by comparing the amount of condenser area required for each operating point. 
Using the condenser model, we found that preventing recirculation inside the 
condenser region reduced the required condenser area by 20 % for the two-phase points 
of Reeves' data set and data set I and by 10 to 20 % for the subcooled data points. By 
preventing all recirculation the required condenser area is reduced by 30 % of the original 
area for the two-phase points of Reeves' data set and data set I and by 20 to 30 % of the 
original area for the subcooled data points. These results show that preventing 
recirculation of heated air greatly improves condenser performance. 
For both the volumetric air flow rate and recirculation calculations above 
improvement of condenser performance depends on which operating conditions are being 
examined. First of all, subcooled points will not be affected as much by a change in the 
volumetric air flow rate since the refrigerant-side resistance is more significant for these 
points. Secondly, a decrease in the inlet temperature will affect a fully two-phase 
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condenser more because the capacity of the air to absorb heat is more important for two-
phase conditions than for subcooled conditions since two-phase regions have a lot more 
heat transfer per unit area. 
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Appendix E 
Calculation of Refrigerant Mass Flow Rate 
Our computer models require an accurate estimation of refrigerant mass flow rate. The 
superheated e-ntu equation is dependent on the refrigerant mass flow for the calculation of the 
specific mass flow (firp). A small change in the refrigerant mass flow can have a large effect on 
the accuracy of the parameter estimation process; this is especially true when evaporator or 
condenser exit temperatures are used for the objective function. Small changes in refrigerant 
mass flow rate change estimates of subcooling and superheating significantly. 
There are three methods for determining refrigerant mass flow rate. The first method 
requires the installation and calibration of a mass flow meter. In our system we installed a 
Sponsler liquid mass flow meter. The flow meter was calibrated with a Micromotion coriolis-
type flow meter on an existing flow system and then installed at the condenser exit of our 
refrigerator. The refrigerant at the condenser exit must be liquid in order for the mass flow meter 
to work properly. Therefore the refrigerant exiting the condenser must be subcooled. 
A second method for determining mass flow rate is to use a compressor map. The 
compressor map is a curve fit of the compressor inlet and outlet saturation temperatures that 
calculates refrigerant mass flow rate. It is developed by testing several compressors and finding 
mass flow rates that correspond to different inlet and outlet conditions. Compressor maps are not 
very accurate since they aren't developed for a specific compressor. However, they are easy to 
use. 
The final method of determining mass flow rate involves an energy balance equation, 
equation E.1. 
Qevapload = rh· i1hevap (E.1) 
Where in is the mass flow rate of the refrigerant, i1hevap is the change in enthalpy across 
the evaporator, and Qevapload is the heat load of the evaporator caused by refrigerator cabinet 
heat leaks and sources of heat inside the refrigerator compartments. The enthalpy change across 
the evaporator, i1hevap, is determined by calculating the enthalpies at the exits of the condenser 
and the suction line. The difference between these two enthalpies is the same as the enthalpy 
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change across the evaporator (assuming no losses in the interchanger). Qevapload can be 
calculated by measuring compartment heater power, evaporator fan power, and heat leaks into 
the refrigerator cabinet. Heat leakage into the refrigerator is a function of the compartment 
temperatures, the ambient temperature, and the compartment heat conductances. Heat 
conductances of the refrigerator compartments were measured by running reverse heat leak tests. 
There may also be some heat leakage into the interchanger. Reverse heat leak tests do not 
include the interchanger. Therefore, any heat that leaks to it causes the estimation of mass flow 
rate to be slightly off. However, the amount of heat introduced to the refrigerator by way of heat 
leaks is significantly less than the amount of heat introduced to the system by the refrigerator 
compartment heaters. 
The three methods for calculating the refrigerant mass flow rate were implemented for 
data sets I and II. Resulting calculations of refrigerant mass flow rate are shown in Figure E.l 
and E.2. Of 40 data points, data set I has 24 data points that are subcooled at the condenser exit. 
All 26 data points of data set II were subcooled at the condenser exit since the refrigerator was 
deliberately overcharged to produce this effect. 
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Figure E.l Data set I refrigerant mass flow measurements 
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The condenser exit must be subcooled in order for the energy balance and the mass flow 
meter to work. So only data points that are subcooled at the condenser exit are shown in Figures 
E.l and E.2. For both of the data sets the three mass flow measurements consistently follow the 
same trends. 
Figure E.l shows four distinct groups of data points; Figure E.2 shows three. The groups 
of data points correspond to different ambient temperatures. Figure E.2 shows groups of data 
points corresponding to 60, 75, and 90 OF ambient temperatures (from left to right in the figure), 
and Figure E.l shows groups of data points corresponding to 60, 75, 90 and 100 OF ambient 
temperatures (also from left to right). The boundaries of each of the zones are visible as 
discontinuities between the data points. The reason for this discontinuity is that for higher 
ambient temperatures the condenser can not reject as much heat and a higher refrigerant mass 
flow rate is required to do the same amount of cooling. In addition, more heat leaks from the 
refrigerator compartments when the ambient temperature is higher. 
Figures E.l and E.2 also show that each of the ambient temperature groups can be split 
into two sections. Overall evaporator heat load decreases from left to right for each of the groups 
of data points. There is a discontinuity in the slope of each of the groups due to a change in 
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phase at the evaporator outlet. The data points in the leftmost section of each group of data 
points are superheated due to the high heat load. The data points in the rightmost section of each 
group are two-phase because of lower heat loads. The reason for this discontinuity in slope is 
that when the evaporator is superheated at its exit it is operating at maximum capacity; an 
increase in refrigerant mass flow rate does not provide a significant increase in evaporator 
capacity. It does not require a lot of additional heat to significantly raise the compartment 
temperature in this situation since the evaporator is operating at capacity. It should be noted that 
for the superheated exit situation the evaporator heat load is nearly constant. 
Which mass flow rate should be used in our calculations? It is apparent that the mass 
flow determined by the energy balance calculation falls between the measured mass flow rate 
and the map mass flow rate. The mass flow rate given by the energy balance and the measured 
mass flow rate seem to differ by a constant offset except in cases where the system is not 
completely subcooled at the condenser outlet (and hence the mass flow meter reading is not 
valid). To be conservative we used only those data points with more than 5 OF of subcooling. 
Map mass flow calculations differ from those of the measured mass flow and energy balance. 
calculation by an offset that is constant only for each ambient temperature group. Differences in 
map mass flow offsets could be a result of changes in compressor volumetric efficiency caused 
by changes in compressor shell temperature or other variations in operating temperatures. 
Since the measured mass flow and the energy balance are the only consistent predictions 
of mass flow, the map results were not used. The measured mass flow probably predicts the 
correct trends in the mass flow, but seems to be low in magnitude. This particular meter has 
been clogged, disassembled and cleaned since its last calibration. Although it cannot be 
recalibrated at the present time, it should be recalibrated in the future to determine whether it is 
operating correctly. In the worst case the energy balance calculation is about 8 % higher than the 
measured mass flow. An 8 % error in the calculation of refrigerant mass flow would cause an 
equal error in the estimation of evaporator and condenser loads. When estimating evaporator 
parameters, results were significantly better when the mass flow calculated using the energy 
balance was used. Therefore, the mass flow calculated using the energy balance was used in the . 
parameter estimation models. 
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Appendix F 
Comparison of Measured and Calculated Data 
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Figure F.l Evaporator exit temperature comparison, data set I 
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Figure F.2 Evaporator exit temperature comparison, data set II 
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Figure F.3 Single-zone evaporator load comparison, data set II 
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Figure F.4 Condenser load comparison, Reeves (1992) 
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Figure F.6 Condenser load comparison, data set II 
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